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ABSTRACT - Estimation of brake systems stabilitiated to noise emission is part of the
industry state-of-the-art for brake design. Impassessment of stability would allow better
NVH performance from early design stages thus neducosts related to late redesign and
testing. The prediction capability however remaihallenged due to the complexity of brake
noise phenomena. In particular, integration andlui®n of complex systems with damping
is a difficult task that is commonly overlooked.iFpaper proposes two ideas to improve
stability estimation. From the solver side, a cageace indicator is proposed to quantify the
convergence of the complex eigenvalues for subdpased methods. The error obtained can
be directly used to enhance the computation sulbspada priori enhancement is suggested.
From the modelling side, a damping strategy basesub-assembly modal damping ratios is
proposed allowing direct exploitation of test measuwents or refined sub-assembly
simulations for damping estimation. Sub-assembiyplag can thus be accounted for at the
system level including all possible effects likenfadissipation or composite materials.

INTRODUCTION

Brake noise is nowadays considered as a very cigalle NVH issue for which no simple
countermeasure exists. Friction coupling is knowmtluce instabilities characterized by
self-excited vibrations of braking systems. Theaiion levels can get high enough to be
audible and disruptive as discussed by Akay irrdngew (1). Squeal is characterized by a
high pitched noise between 1 and 16 kHz that damat20dB in the wheel vicinity and
constitutes the main warranty costs of the brakmdgstry.

The current optimization trends drives design teréighter components with ever higher
friction coefficients that worsen control of theusgl phenomena. Component interactions
become more complex due to their rich modal cordeidwer frequencies and greater
excitation due to the increased friction couplifge problem is thus multi-scale considering
large brake system assemblies and local non-liec@aact-friction states that would also
require refined interface models at joints locadiand at dissipation interfaces. Variability
induced by mass-production processes and the usmmgjosite materials, especially for the
friction lining material (2) is another issue.

Testing has been historically used to assess #ie lirehaviour during last development
stages to correct design NVH flaws (3). Cost optation and tightening noise emission
regulations however call for a need to limit redasat the end of the development cycle or
during the product youth. Robust modelling and $ation strategies are thus at stake
regarding the capability of the design office. Rnmopqueal simulation require non-linear
analysis to assess the vibration levels induceddtabilities, as discussed by Sinou (4). Use
of direct transient simulations as proposed byath#or (5) or Sinoet al. (6) or harmonic
balance methods as developed by Coudestrat (7) can be found in the literature. Such



methods are however very costly and require thetiseodel reduction methods when
applied to high fidelity finite element models.

Redesign is commonly based on modal behaviour sre&gd so that the estimation of the
system steady sliding stability is always neededrfdustrial application. Links between non-
linear operational squealing shapes and base systatas can be found (5) so that the
complex system modes can still be used as an aligenVilter of the instabilities. The use of
system modes as a reduction basis for transientl&iion or for the evaluation of component
modal properties variation with the CMT (Componktade Tuning method) as developed in
(5) or by Loyeret al. (8) is eventually possible.

Good prediction of brake systems complex stahilitpugh a Complex Eigenvalue Analysis
(CEA) is thus needed. From the solver side, corerarg need to be assessed, and this paper
proposes an error estimator and a methodology poave convergence based on the work of
Bobillot et al. (9), that was in particular tested by Brizatcal.in (10).

From the model side, damping has a great impatte@system stability but remains a
modelling challenge. Non-intuitive effects as fuaotof damping distribution between
components could be shown by Fetzal. (11) or Cantonet al.(12). Although most
components damping can be correctly estimated antiatled, damping induced by joints or
in composite parts such as carbon-ceramic disesually ignored or poorly represented
through Rayleigh (or proportional) damping. Thip@aproposes an innovative damping
model explicitly considering component or sub-adslgmrmodal damping ratios. This strategy
thus enables direct exploitation at the assembigl lef component modal analysis.

The application proposed in this paper is issuethfthe AcouFren project driven by the
SNCF (French Railway Agency), which aimed at depiglg tools to assess the link between
pad design and brake noise propensity in traindosgktems. A simulation software running
in the SDT environment (13) capable of performingustic emission estimation from pad
designs was developed, and used for this papey.sit@ TGV (French high speed train)
brake is considered in this paper as presentadunef 1. Four disc brakes are mounted on
each wheel axel through hubs. For each brakej@ecainit applies the pressure on the disc.
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model. Right, the disc-hub subassembly with remg:$tietion track under the pad.

The total brake finite element model presentedgaré 1middle weights over 1 million
degrees of freedom (DOF). Remeshing of the diskifigetrack to get a compatible mesh
between the disc and pad is performed as illustiatéigure 1right. The disc to hub coupling
is realized through 8 bolts that are modelled bgdr beam elements and ideal multiple point
constraints between contacting surfaces in theisaafi the bolt head.

This paper presents the steady-sliding formulatiecessary to perform the complex
eigenvalue analysis (CEA) and associated conveegematrol concepts in section 1. The



damping modelling strategy for the disc-hub subasde using modal damping is then
presented in section 2. Section 3 eventually ptegée application to the industrial brake,
illustrating the sensitivity of stability results dtamping.

1. SQUEAL CEA USING SMART SUBSPACE BASED RESOLUTION

Formulation of steady sliding instabilities withigtating disc

The brake system is modelled by finite elements;lireearities are present at the contact
between pad and disc and the disc is rotatingcanatant velocity speed. The static
deformation of the brake can be obtained for adstatiding state. To avoid repetition of
intensive contact pairing, small sliding is commpoobnsidered for a disc in a rotating frame.

Such formulation thus considers the disc rotat®a anaterial flow in a fixed mesh looking
like an Eulerian formulation. To ease up contaatiaation, a cylindrical local orientation
map is considered (and used in SDT) for pad-distamd, points allowing the expression of
friction forces in the angular and radial direcgpas presented in figure 2.
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Figure 2: A local cylindrical map for pad-disc caat modelling.

The pad-disc contact friction law is based on tleal Signorini-Sliding Coulomb law to
alleviate contact parameter identification apaotrfrthe friction coefficienf, considered
constant. For a contact poijtone thus considers the following relation betweessure
and gagy for each contact point,

p(x]-) >0

g(x;) 20 1)

p(x;)g(x;) =0

The steady sliding assumption states that evesedi@contact point between the pad and disc

is sliding. The friction force is thus expressespposed to the sliding velocitm]s(xj) with a
norm driven by the pressure modulated by the énctoefficient,

()} = = 12 b () @

It was shown by the authors in (14) that equivastatic and dynamic properties can be
obtained between ideal formulations and calibrétedtional (or penalized) formulations. A
specific static resolution of the steady slidingtstbased on contact status iterations,
presented in (14) along with further details onfthi¢e element implementation, was used for
this study.

For mode computation, the ideal Signorini contaut linearization induces normal
displacement constraints applied to closed com@icits so that no relative interface normal
displacement is allowed. This constraint can bet@its canonical form using an observation
matrix [Cy.] that provides the gap for each closed contacttpoin

[Cnellq} = {0} 3)



The linearization of friction forces induces twonts, one linked to the variation of the
contact forces and one linked to the variatiorhefgliding direction,

fr(q, 93 = =S [Cocl " [Cncl Ry} = S [Crel” [dlag <1ip(xj)wjdet(xj)>l [Crc1{q} (4)

Observation of tangentlal displacements in the kEmglirection[Cy.] and in the radial
direction[C,..] are here used, and one noleget(xj) the product of the Gauss contact
integration point weight and Jacobian.

The first term of equation (4) is non symmetric @aodples normal to tangential directions as
a variation of the normal displacement will altee tontact pressure thus the friction force
norm. However a variation of the tangential disptaent will not induce a variation of the
friction force in sliding conditions. This termpsirely angular as the steady sliding velocity is
directed in the disc motion direction.

The second term of equation (4) is symmetric amdpsans radial displacements at the pad
disc interface. In practice, a variation of thelislg direction decrease friction forces in the
angular direction.

One then searches solutions of the f§gtx)} = {1;}e** applied to the system linearized in
the vicinity of its current steady sliding staterfact statuses are verified by assuming
[CNC]{l/)j} = 0, that requires a projection of the systemgiiye observation kerngly.].

The contact force reaction is the dynamic respohdiee structure to its current deformation
state, one thus h@By} = ([K] + A;[D] + A7 [M])[Tyc1{w;}, noting[K], [D], [M]
respectively the elastic underlying linear stifffiedamping and mass matrices.

Linearized friction forces can thus be written

{fTL} - _([ ] + 4 [D ] + Az[ u] + Aj [Dur])[TNc]{ll’Cj} (5)
noting [X,| = 5 E[Coc]"[Cnc1[X] and[D,,] the radial damping term of equation (4).

The system complex modes eventually verify
el (1K1 (] + 2,101+ (D] + D) + (01 + (M) ey} =0
{1/)]} = [TNC]{lpCj}

Equation (6) is commonly transformed into a fireder equation on the system state that
doubles the order. To avoid costly direct compksotutions one first reduces the system on
a basis made of Rayleigh-Ritz vectors. A naturaliahis the real mode basis of the
underlying symmetric undamped system verifying

[Tnel” ([K] = wf [M])[Ty){¢c)} = O (7)

Defining the reduction basj$,] = [¢Cj]1<j<m’ reduced complex modes will verify

{l/)cj} = [TO]{¢~cj} (8)

and the final system (6) can be projected

[D, ][M [Dr] u]l l[lp i l[ I 0 ]l l[lp i [o] 9)

noting X, ] = [Tol” [Ty ([X] + ])[TNC][TO] the reduced elastic matrices with resolved
contact constraint$D,,,.| the projection of the radial friction damping tef#| the reduced
complex mode shapes apt] the corresponding eigenvalue matrix.



The Residue lteration method for damped systems

The resolution of equation (9) is commonly resolusthg a QR algorithm. Although very
stable, convergence may suffer from numerical dmrdng. More importantly the initial
subspace choidd,] may not be fully appropriate for the resolutioong® modes might be
missed, and accuracy of eigenvalues can be challeng

The residue iteration method has been developdbbilot et al.(9) and can be compared
to pre-conditioned gradient methods. The solutimueacy is evaluated by estimating

residual forcegRy;,} coming from the solution inaccuracy, injecting simn 4;, {1} in the
non-projected system equation,

[Tvel” (K] + [Ku] + 2, (101 + [D] + [Dr]) + 27(IM1 + [M,])) el (s} = {Rrjo} (10)

Residual displacemen{RDjO} can then be evaluated by computing the systeric ségponse
to the residual forces,

{Rpjo} = [K17{Rpjo} (11)
so that an error relative to the strain energy ncambe computed,

T
_ {Rpjo} [Keil{Rpjo}
ng - |/1.|2
j

(12)
noting that|)Lj|2 is related to modal strain energy.

Real and imaginary parts of the residual displacgsneroducing an error larger than a given
tolerances can thus be chosen to enhance the current subspace,
[Tis1] = [Tk f’R(Rf)k) S(Rf)k) In (13)

An orthonormalization procedure is then used tglkaegood conditioning fdfTy,,]. It is
then possible to iterate as long as all eigenvadweproperly converged, or at least to
quantify the confidence one has on the result afteor a few iterations.

Based on the residue iteration idaariori subspace enhancement can be tried before the
first resolution. A first residue can indeed bereated as proposed in (10) by considering the
action of the friction forces over the modal trégees constituting the initial subspace,

[REKM] = [Kel]_l[Ku][TNc][TO] (14)
For large systems with close eigenvalues, numetmadliitioning may become an issue. In
particular finite numerical precision makes basssilting from the orthonormalization
process sensitive to the initial vector ordering.

2. ADAMPING MODEL EXPLOITING (SUB)COMPONENT MODAL PRBERTIES
AT THE SYSTEM LEVEL

Understanding experimentally identified dampinguolb-assemblies

The disc-hub subassembly of the TGV train presieoited joints that alter its modal damping
ratios. It could be shown in (15) that the extesdicitations of a joint coming from the
deformation of the system have an effect on tha jdissipation. To avoid complex joint
modelling and to integrate damping at a greatdedoam experimental identification, it was
thus chosen to consider subassembly modal damping.



The first modelling approach considered a Rayléigimping model for the whole frequency
band (0-20kHz), based on an optimization of the glagratios experimentally identified in
the 0-15 kHz frequency band. The resulting modadiag ratios are illustrated for the disc-
hub in figure 3right as the blue cur@obal.

It could however be observed that great discrearnmuld occur for specific experimental
modes, as some modes where very lightly or highimgked. Modes greatly differing from the
nominal Rayleigh damping model are shown in figdigs the red markel® diff.
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Figure 3: Disc-hub subassembly modal damping rdtaa the Rayleigh damping model, differing
experimental damping ratios (vertical dotted limgth markers), and component participation.

To understand differences, component participatbathe subassembly damping following

the modal strain energy (MSE) assumption has begorted in figure 3. It could be observed
that modes with very light damping ratios mainlyicerned pure disc modes like presented in
figure 4f. Low frequency modes with large dampiagas seem to involve global disc
movements on a rigid hub, figure 4a-b, with displaents prone to large joint dissipation.
Modes with mixed participations,g.figure 4c-e can induce different effects depending
non-trivial joint solicitation.
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Figure 4: Sample disc-hub modes with identified dierm.

Sub-assembly based damping modelling strategy gixmpjdest results

The idea in the AcouFren project was to exploitezkpentally identified modal damping
ratios of the disc-hub subassembly. Refined sirnarlatproducing such damping ratios could
also be used and could alleviate the test frequimatyproblem.



To consider sub-assembly modal damping, the dispiaat vector of the full brake can be
split into DOF relative to the sub-assemblyand other DOIg,,.

q
@=1{;) (15)
One can then expand the sub-assembly real mode¥ield experimentally on the full brake,
[®,] = [¢Sj18j5ms] (16)

As the disc-hub sub-assembly is disjoint from igeand only coupled by contact, this basis
is normalized regarding the mass norm,

[&]7 [M][&] = [I] (17)
so that a pseudo-inverse of the modal basis caasiey computed,
[&]* = [&]"[M] (18)

This allows recovery of the global damping matnguced by the disc-hub modal damping.
Indeed, the sub-assembly modal damping m#Djx] is diagonal and results from the
projection of the full modal damping matrix in thbysical basi$D,,]

[Du] = [@]" [Dy][P5]=[diag (20 ws;)] (19)

Equation (18) allows the inversion of (19),

[Dn] = [M][®s][diag (245 ws;) ][] [M] (20)
thus providing the sub-assembly modal damping maitrihe full finite-element space. In
practice this matrix cannot be computed as itlisaiud of large size. For a 1 million DOF
system it would weight over 7 TB.

The projection of matrix (20) on a real mode subspaould be full but only weight 7MB for
a 1,000 mode subspace. Good organization of thexnexipression makes it very affordable,

[Dus|J=([ @] IMI[T T D" [diag (28 ws;) | (@] IMII T ] [Tic]) (21)

If the modal damping matrix is used in combinatiother contributions like Rayleigh
damping for this paper application, the total damgpnatrix can be noted

[D] = [Dum] + [Dother] (22)
Its projection on the modes of interest will yield

[D] = [diag(zquwsj)] + [QS]T[DOther] [(Ds] ~ [diag(ZZSjwsj)] + [diag(Z(Otherjwsj)](23)

The modal damping matrix is assumed mainly diageadhat corrective terms can be
applied to the damping ratios separately for eaosdenusingysj={s; — {otner; SO that the
damping ratios resulting from the total dampingrteiare correct.

3. APPLICATION TO THE INDUSTRIAL TGV DISC BRAKE

Convergence pattern of the complex modes

This paper illustration targets system modes irO#i®kHz frequency band, for which noise
measurements were available. For the pad fitt¢kddrexample, this resulted in the
computation of 700 complex modes. The initial salocgpwas found to provide fairly
satisfying convergence as the error indicator prieskin figure 5 showed that all modes were
under an error of 18 only 6 shapes were added after two subspacéidesa

It could be seen in practice that the variatiothefreal part was more sensitive than the
variation of the imaginary part, so that a refinetn& the error criterion may needed in the



future. Variations in the stability diagram are fimend mainly located in the multiple lining
block modes, as illustrated in figure 5right.
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Figure 5: TGV brake complex mode convergence pattegft, error indicator as function of the residue
iterations (2 iterations performed). Right, sanfpbgluency/damping variations during the iterations.

To avoid multiple matrix factorization, the residugf equation (11) have been computed with
the shifted stiffness matrix, ensuring better cogeace at the end of the frequency band. It
could thus be observed that improvement of ther eniterion mostly occurred at the end of
the frequency band, and that no improvement coelddtained for some lower frequencies.

A clear perspective to this work is then to consideltiple shifting strategies with local
enhancement to ensure better convergence overtble Wvequency band.

System stability as function of the damping models

Three damping strategies for the disc-hub sub-asisenere tested for the project,
considering either no damping at &ll§ 0), or only identified Rayleigh dampin®D R), or
modal damping combined to Rayleigh damping as pteden section 2D M+R).
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Figure 6: TGV brake stability diagram as functidrite disc-hub damping model. Left, global viewgh,
zoom-in on the unstable modes.

Figure 6left presents the stability diagram reaglfrom these different strategies. As the
brake rig shows higher damping levels and thisyeasl the most silent pad in the test panel,
the overall stability diagram does not vary mucliuastion of the disc-hub damping strategy.
Significant variations could however be observaduustable modes, in figure 6right.

Mode 326 at 6635 Hz -0.03 % Mode 529 at 8174 Hz -0.05 %

Figure 7: TGV disc brake unstable modes found uiegnodal damping strategy for the disc-hub.



One unstable mode and several close to instahiligtes could be found for the no damping
strategy, no unstable mode was found for the Rglyldamping strategy and two modes
presented in figure 7 could be found for the mat#ahping strategy. This latter case
confirmed occurrence of non-intuitive damping effechere increasing damping for a sub-
assembly added instability to the system.

To push forward the analysis, disc-hub modal pgdioon to the found unstable modes was
estimated. First the real mode participations tih lsomplex modes was evaluated using a
direct projection (resulting from equation (9)).€Ttesults presented in figure 8 show that
only 2 real modes significantly contribute to tistfunstable mode8@5and326) and 3 for
the second oné&R3 524 and525).
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Figure 8: Left, projection of the unstable compheades on the real mode basis. Right, disc-hub modes
contribution to the real modes involved in the ab& complex mode expression.

The projection of the real mode shapes onto theltlid sub-assembly modes can then be
performed, following the concept of equations ({&)). Only one couple of lightly damped
double disc modes is contributing to each complexen

CONCLUSION

Accurate estimation of damping for brake squealsation is a critical yet challenging task.
System stability obtained through CEA can hit cogeace issues and great sensitivity to
chosen damping models is common. This paper thamoped a few techniques to improve
control of such simulation.

First, a convergence estimation technique adaptsdlispace based resolutions methods was
presented. An error indicator was developed to tiiyaconvergence error for each complex
mode. It also provides a way of subspace enhamtrsg to pre-conditioned conjugate
gradient methods to improve convergence. Such rdetpens the way ta priori subspace
enhancement techniques. For performance improveioelatrge frequency bandwidths like
seen in brake squeal simulations, the questiotecaf band enhancement and smarter
enhancement vector selection and ordering for tmmalization can be raised. It constitutes a
clear perspective of this work.

Second, an improved damping model considering ssbrably modal damping was
presented. This damping model can be combinecdhir alamping models and allows direct
modal damping ratio assignment. These ratios caredoom test measurements or from
refined sub-assembly simulations, and opens thetavayore comprehensive global damping
modelling at assembly levels, as presented by [Gleekl.in (16). For example joints
induced damping can be accounted for without refjoet modelling or without specific
macroscopic joint model identification. In the samanner, damping in composite materials
like carbon ceramic discs can also be modelledeatdbmponent scale. Complexity at the
system level can thus be controlled while improveogiponent behaviour accuracy.
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